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TOWARDS GLOBAL CHASSIS CONTROL BY

INTEGRATING THE BRAKE AND

SUSPENSION SYSTEMS

P. Gáspár*, 1 Z. Szabó*, J. Bokor*,

C. Poussot-Vassal**, O. Sename**, L. Dugard**

*Computer and Automation Research Institute, Hungary
**GIPSA-Lab (Forma LAG), Grenoble, France

Abstract: A control structure that integrates active suspensions and an active
brake is proposed to improve the safety of vehicles. The design is based on an
H∞ control synthesis extended to LPV systems and uses a parameter dependent
Lyapunov function. In an emergency, such as an imminent rollover, the safety
requirement overwrites the passenger comfort demand by tuning the performance
weighting functions associated with the suspension systems. If the emergency
persists active braking is applied to reduce the effects of the lateral load transfers
and thus the rollover risk. The solution is facilitated by using the actual values
of the so-called normalized lateral load transfer as a scheduling variable of the
integrated control design. The applicability of the method is demonstrated through
a complex simulation example containing vehicle maneuvers.

Keywords: LPV modeling and control, performance specifications, uncertainty,
safety operation, passenger comfort, automotive.

1. INTRODUCTION

These days road vehicles contain several individ-
ual active control mechanisms that solve a large
number of required control tasks. These control
systems contain a lot of hardware components,
such as sensors, actuators, communication links,
power electronics, switches and micro-processors.
In traditional control systems the vehicle func-
tions to be controlled are designed and imple-
mented separately. This means that control hard-
ware is grouped into disjoint subsets with sen-
sor information and control demands handled in
parallel processes. However, these approaches can
lead to unnecessary hardware redundancy. Al-
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though in the design of the individual control
components only a subset of the full vehicle dy-
namics is considered these components influence
the entire vehicle. Thus in the operation of these
autonomous control systems interactions and con-
flicts may occur that might overwrite the inten-
tions of the designers concerning the individual
performance requirements.

The aim of the integrated control methodologies
is to combine and supervise all controllable sub-
systems affecting the vehicle dynamic responses
in order to ensure the management of resources.
The flexibility of the control systems must be
improved by using plug-and-play extensibility, see
e.g. (Gordon et al., 2003). The central purpose of
vehicle control is not only to improve function-
ality, but also simplify the electric architecture
of the vehicle. Complex and overloaded networks
are the bottle-neck of functional improvements



and high complexity can also cause difficulties in
reliability and quality. The solution might be the
integration of the high level control logic of sub-
systems. It enables designers to reduce the number
of networks and create a clear-structured vehicle
control strategy. Several schemes concerned with
the possible active intervention into vehicle dy-
namics to solve different control tasks have been
proposed. These approaches employ active anti-
roll bars, active steering, active suspensions or ac-
tive braking, see e.g. (Alleyne and Hedrick, 1995;
Fialho and Balas, 2000; Hedrick et al., 1997; Kim
and Park, 2004; Nagai et al., 1998; Odenthal
et al., 1999; Sampson and Cebon, 2003; Shiba-
hata, 2005; Trächtler, 2004).

In this paper a control structure that integrates
active suspensions and an active brake is proposed
to improve the safety of vehicles. The active sus-
pension system is primarily designed to improve
passenger comfort, i.e. to reduce the effects of
harmful vibrations on the vehicle and passengers.
However, the active suspension system is able
to generate a stabilizing moment to balance an
overturning moment during vehicle maneuvers in
order to reduce the rollover risk, (Gáspár and
Bokor, 2005). Although the role of the brake is
to decelerate the vehicle, if the emergency per-
sists, the effects of the lateral tire forces can be
reduced directly by applying unilateral braking
and thus reducing the rollover risk (Gáspár et
al., 2005; Palkovics et al., 1999). This paper is
an extension of the principle of the global chas-
sis control, which has been proposed in (Zin et
al., 2006).

The controller uses the actual values of the so-
called normalized lateral load transfer R as a
scheduling variable of the integrated control de-
sign. When a rollover is imminent the values of R
increase and reach a lower critical limit, and then
suspension forces must be generated to create a
moment at the front and the rear to enhance
the stability of the vehicle. When this dangerous
situation persists and R reaches the upper critical
limit the active brake system must generate uni-
lateral brake forces in order to reduce the risk of
the rollover. The goal of the control system is to
use the active suspension system all the time to
improve passenger comfort and road holding and
activate the braking system only when the vehicle
comes close to rolling over. In an emergency the
safety requirement overwrites the passenger com-
fort demand by tuning the performance weighting
functions associated with the suspension systems.
Then a functional reconfiguration of the suspen-
sion system is carried out in order to generate
stabilizing moments to balance an overturning
moment during vehicle maneuvers.

In this paper the control-oriented model design
has been carried out in a Linear Parameter Vary-
ing (LPV) framework that allows us to take into
consideration the nonlinear effects in the state
space description. Thus the model structure is
nonlinear in the parameter functions, but it re-
mains linear in the states. In the control design
the performance specifications for rollover and
suspension problems, and also the model uncer-
tainties are taken into consideration. The design
is based on an H∞ control synthesis extended
to LPV systems that use parameter dependent
Lyapunov functions, (Balas et al., 1997; Wu et
al., 1996).

The structure of the paper is as follows. Af-
ter a short introduction in Section 2 the con-
trol oriented modeling for rollover prevention and
suspension problems is presented. In Section 3
the weighting strategy applied for the parameter-
dependent LPV control is presented. In Section 4
the operation of the integrated control system is
demonstrated through a simulation example. Fi-
nally, Section 5 contains some concluding remarks.

2. AN LPV MODELING FOR THE CONTROL
DESIGN

The combined yaw-roll dynamics of the vehicle is
modeled by a three-body system, where ms is the
sprung mass, mf and mr are the unsprung masses
at the front and at the rear including the wheels
and axles and m is the total vehicle mass.
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Fig. 1. Vertical dynamics of the full-car model.

The suspension system, which is shown in Fig-
ure 1, contains springs, dampers and actuators
between the body and the axle on both sides at
the front and rear. The suspension stiffnesses, the
tire stiffnesses and the suspension dampers at the
front and rear are denoted by kf , kr, ktf , ktr, bf ,
br, respectively. The front and rear displacements
at both sides of the sprung and the unsprung
masses are denoted by x1fl, x1fr, x1rl, x1rr and
x2fl, x2fr, x2rl, x2rr, respectively. In the model,



the disturbances wfl, wfr, wrl, wrr are caused by
road irregularities.

The yaw and roll dynamics of the vehicle is shown
in Figure 2. The roll moment of the inertia of
the sprung mass and of the yaw-roll product is
denoted by Ixx and Ixz while Iyy is the the pitch
moment of inertia and Izz is the yaw moment
of inertia. The total axle loads are Fzl and Fzr.
The lateral tire forces in the direction of the
wheel-ground contact are denoted by Fyf and Fyr.
h is the height of CG of the sprung mass and
huf , hur are the heights of CG of the unsprung
masses, ℓw is the half of the vehicle width and r
is the height of the roll axis from the ground. β
denotes the side slip angle of the sprung mass,
ψ is the heading angle, φ is the roll angle, ψ̇
denotes the yaw rate and θ the pitch angle. The
roll angle of the unsprung mass at the front and
at the rear axle are denoted by φt,f and φt,r,
respectively. δf is the front wheel steering angle,
ay denotes the lateral acceleration and zs is the
heave displacement while v stands for the forward
velocity.
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Fig. 2. Yaw and roll dynamics of the full-car model

First the modeling for suspension purposes is
formalized. The vehicle dynamical model, i.e. the
heave, pitch and roll dynamics of the sprung mass
and the front and rear dynamics of the unsprung
masses at both sides of the front and rear, is as
follows:

msz̈s = kf (∆fl + ∆fr) + kr(∆rl + ∆rr)

+ bf (∆̇fl + ∆̇fr) + br(∆̇rl + ∆̇rr)

− ffl − ffr − frl − frr

Iyy θ̈ = kf lf (∆fl + ∆fr) + krlr(∆rl + ∆rr)

+ bf lf (∆̇fl + ∆̇fr) − brlr(∆̇rl + ∆̇rr)

− (ffl + ffr)lf + (frl + frr)lr

Ixxφ̈ = kf ℓw(∆fl − ∆fr) + krℓw(∆rl − ∆rr)

+ bf ℓw(∆̇fl − ∆̇fr) + brℓw(∆̇rl − ∆̇rr)

− (ffl − ffr)ℓw − (frl − frr)ℓw

mf ẍ2fl = −kf∆fl + ktf∆wfl + bf ∆̇fl − ffl

mf ẍ2fr = −kf∆fr + ktf∆wfr + bf ∆̇fr − ffr

mrẍ2rl = −kr∆rl + ktr∆wrl + br∆̇rl − frl

mrẍ2rr = −kr∆rr + ktr∆wrr + br∆̇rr − frr

with the following notations: with ∆fl = −x1fl + x2fl,

∆fr = −x1fr + x2fr, ∆rl = −x1rl + x2rl, ∆rr = −x1rr +

x2rr, ∆wfl = x2fl − wfl, ∆wfr = x2fr − wfr, ∆wrl =

x2rl − wrl and ∆wrr = x2rr − wrr.

The state space representation of the suspension
system is the following:

ẋs = Asxs +B1sds +B2sus, (1)

with the state vector xs =
[

x1 ẋ1

]T
, where

x1 =
[

zs φ θ x2fl x2fr x2rl x2rr

]T
. The input

signals is us =
[

ffl ffr frl frr
]T

and ds =
[

wfl wfr wrl wrr
]T

is the disturbance.

Second, the modeling for the rollover problem is
formalized. This structure includes two control
mechanisms which generate control inputs: the
roll moments between the sprung and unsprung
masses, generated by the active suspensions uaf ,
uar, and the difference in brake forces between the
left and right-hand sides of the vehicle ∆Fb. The
differential equations of the yaw-roll dynamics are
formalized:

mv(β̇ + ψ̇) −mshφ̈ = Fyf + Fyr

−Ixzφ̈+ Izzψ̈ = Fyf lf − Fyrlr + lw∆Fb

(Ixx+msh
2)φ̈− Ixzψ̈ = msghφ+msvh(β̇ + ψ̇)

− kf (φ− φtf ) − bf (φ̇− φ̇tf ) − kr(φ− φtr)

− br(φ̇− φ̇tr) + ℓwuaf + ℓwuar

−rFyf = mfv(r − huf )(β̇ + ψ̇) +mufghufφtf

− ktfφtf + kf (φ− φtf ) + bf (φ̇− φ̇tf )

+ ℓwuaf

−rFyr = mrv(r − hur)(β̇ + ψ̇) −murghurφtr

− ktrφtr + kr(φ− φtr) + br(φ̇− φ̇tr)

+ ℓwuar.

The lateral tire forces Fyf and Fyr are approxi-
mated linearly to the tire slide slip angles αf and
αr, respectively: Fyf = µCfαf and Fyr = µCrαr,
where µ is the side force coefficient and Cf and
Cr are tire side slip constants. At stable driving
conditions, the tire side slip angles αf and αr can

be approximated as αf = −β + δf −
lf ·ψ̇

v
and

αr = −β + lr·ψ̇
v

.

The differential equations depend on the forward
velocity v of the vehicle nonlinearly. Choosing the
forward velocity as a scheduling parameter ρr = v,
an LPV model is constructed. Note, that the side
force coefficient is another parameter which varies
nonlinearly during operational time. In (Gáspár
et al., 2006) a method has been proposed for
the estimation of this parameter. Hence, it can
be considered as a scheduling variable of the
LPV model, too. In this paper, for the sake of
simplicity, the variation of the side force coefficient
is ignored.



The equations can be expressed in the state space
representation form as:

ẋr = Ar(ρr)xr+B1rv
(ρr)dr +B2rv

(ρr)ur, (2)

where xr =
[

β ψ̇ φ φ̇ φtf φtr
]T

is the state vec-
tor, ur = ∆Fb is the control input while dr = δf
is considered as a disturbance.

In this approach of the rollover problem the active
suspensions generate two stabilizing moments at
the front and the rear, which can be considered as
the effects of the suspension forces uaf = (ffl −
ffr)ℓw and uar = (frl − frr)ℓw. The control
input provided by the brake system generates a
yaw moment, which affects the lateral tire forces
directly. The difference between the brake forces
∆Fb provided by the compensator is applied to the
vehicle: ∆Fb = (Fbrl + d2Fbfl) − (Fbrr + d1Fbfr),
where d1 and d2 are distances, which depend
on the steering angle. In the implementation of
the controller means that the control action be
distributed at the front and the rear wheels at
either of the two sides. The reason for distributing
the control force between the front and rear wheels
is to minimize the wear of the tires. In this case
a sharing logic is required which calculates the
brake forces for the wheels.

3. INTEGRATED CONTROL DESIGN BASED
ON THE LPV METHOD

3.1 Predicting emergencies by monitoring R

Roll stability is achieved by limiting the lateral
load transfers for both axles, ∆Fzl and ∆Fzr,
below the level for wheel lift-off. The lateral load
transfers are given by ∆Fzi = ktiφti

lw
, where i

denotes the front and rear axles. The tire contact
force is guaranteed if mg

2
± ∆Fz > 0 for both

sides of the vehicle. This requirement leads to the
definition of the normalized load transfer, which
is the ratio of the lateral load transfers at the
front and rear axles: ri = ∆Fzi

mig
, where mi is the

mass of the vehicle in the front and the rear. The
scheduling parameter in the LPV model is the
maximum value of the normalized load transfer
R = max(|ri|).

The limit of the cornering condition is reached
when the load on the inside wheels has dropped
to zero and all the load has been transferred
onto the outside wheels. Thus, if the normalized
load transfer R takes on the value ±1 then the
inner wheels in the bend lift off. This event does
not necessary result in the rolling over of the
vehicle. However, the aim of the control design
is to prevent the rollover in all cases and thus
the lift-off of the wheels must also be prevented.
Thus, the normalized load transfer is also critical
when the vehicle is stable but the tendency of the

dynamics is unfavorable in terms of a rollover. An
observer design method has been proposed for the
estimation of the normalized load transfers, see
(Gáspár et al., 2005).

In this paper the detection of an imminent rollover
is based on the monitoring of the normalized
lateral load transfers for both axles. In the control
design the actual value of the normalized load
transfer is used. In order to make an estimation
of the lateral load transfers the roll angles of the
unsprung masses φt,i must be estimated. For this
purpose a Luenberger type observer

η̇ = (A(ρ) +K(ρ)C)η +B(ρ)u−K(ρ)y (3)

is used. The observer is based on the measured
signals, ay, ψ̇ and φ̇, where ay is the lateral
acceleration.

In order to obtain a quadratically stable observer
the LMI (A(ρ)+K(ρ)C)TP+P (A(ρ)+K(ρ)C) <
0 must hold for suitable K(ρ) and P = PT > 0 for
all the corner points of the parameter space, see
(Apkarian and Gahinet, 1995; Wu et al., 1996). By
introducing the auxiliary variable G(ρ) = PK(ρ),
the following set of LMIs on the corner points of
the parameter space must be solved:

A(ρ)TP + PA(ρ) + CTG(ρ)T +G(ρ)C < 0.

3.2 Weighting strategy for the control design

Based on the model of the suspension system
a control is designed considering the suspension
deflections at the suspension components as mea-
sured output signals and us as the control inputs.
The performance outputs for control design are
the passenger comfort (i.e. heave displacement
and acceleration za and zd), the suspension de-
flections zsi =

[

zsfl zsfr zsrl zsrr
]

and the tire

deflection zti =
[

ztfl ztfr ztrl ztrr
]

.

In an earlier paper of this project the design of
a global chassis system is proposed, see (Zin et
al., 2006). Here the suspension forces on the left
and right hand sides at the front and rear are
designed in the following form:

ua = u− b0 (żs − żus) , (4)

where b0 is a damping coefficient and u is the ac-
tive force. When the value b0 is selected small the
suspension system focuses on passenger comfort,
while the system focuses on road holding when
value b0 is selected large. In this paper this expe-
rience is exploited when a parameter dependent
weighting strategy is applied in the design of the
suspension system.

Figure 3 shows the structure of the active suspen-
sion system incorporated into the integrated con-
trol. The inputs of the controller are the measured



relative displacements and their numerical differ-
entiations. The controller uses the normalized lat-
eral load transfer R and the so-called normalized
moment χ = φaz

Mact

Mmax
as scheduling variables.

Here

φaz =















1 if |R| < Rs

1 −
|R| −Rs
Rc −Rs

if Rs ≤ |R| ≤ Rc

0 if |R| > Rc

,

where Rs is a warning level, while Rc is a critical
value of the admissible normalized lateral load
transfer.

The value of the damping b0 is scheduled by
the normalized lateral load transfer R. Its value
must be selected in such a way that it improves
passenger comfort in normal cruising, however,
it enhances road holding in an emergency. With
this selection the active suspension system focuses
on passenger comfort and road holding due to
the value of the normalized load transfer. The
LPV controller C is designed to meet the same
criteria but its scheduling variable also reflects the
presence of the moment demand. This is achieved
by using a look-up table that encodes the function
φaz.

-

uss zz

uss zz
au

u

P

C

0b

R

R

az+

Fig. 3. Logical structure of the suspension con-
troller

Figure 4 illustrates the effects of the tuning para-
meters b0 and χ through the frequency responses
of the closed loop system to the disturbances, i.e.
the sprung mass acceleration, the sprung mass
displacement, the displacement of the unsprung
mass, and the relative displacement between the
sprung and unsprung masses. This parameter rep-
resents the balance between road holding and
passenger comfort. The active suspension of the
closed-loop model presents better performances
than the passive model. When a small value of the
tuning parameter is selected a better ride comfort
without the deterioration of road holding or the
suspension deflection is achieved. On the other
hand, when the value of the tuning parameter
increases, passenger comfort deteriorates, while
road holding improves. This emphasizes the trade-
off between comfort and road holding and the
significance of using b0 as a varying coefficient.
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Fig. 4. Frequency responses of the suspension
system

The weighting functions applied in the active
suspension design are the following:



































































Wzs
(χ) =

3

s/(2πf1) + 1
χ

Wθ(χ) =
2

s/(2πf2) + 1
χ

Wφ(χ) =
2

s/(2πf3) + 1
(1 − χ)

Wu = 10−2

Wzr
= 7.10−2

Wdx = 105

Wdy = 5.104

Wn = 10−3

where Wzs
is shaped in order to reduce bounce

amplification of the suspended mass (zs) between
[0, 8]Hz (f1 = 8Hz), Wθ attenuate amplification
in low frequency and the frequency peak at 9Hz
(f2 = 2Hz) and Wφ reduces the rolling moment
especially in low frequency (f3 = 2Hz). Then
Wzr

, Wdx, Wdy and Wn model ground, roll, pitch
disturbances (zr,Mdx andMdy) and measurement
noise (n) respectively, and Wu is used to limit the
control signal. Note, that although the suspension
model is a linear time invariant (LTI), the model
of the augmented plant is LPV because of the
weighting strategy. Thus, the control design is
performed in an LPV setting.

The control of braking forces are designed in terms
of the rollover problem. The measured outputs



are the lateral acceleration of the sprung mass,
the yaw rate and the roll rate of the sprung mass
while ur are the control inputs. The performance
outputs for the control design are the lateral
acceleration ay, the lateral load transfers at the
front and the rear ∆Fzf and ∆Fzr. The lateral

acceleration is given by ay = vβ̇ + vΨ̇ − hΦ̈.

The weighting function for the lateral acceleration
is selected in such a way that in the low frequency
domain the lateral accelerations of the body must
be penalized by a factor of φay.

Wp,ay = φay

s
2000

+ 1
s
12

+ 1
,

where φay =















0 if |R| < Rs
|R| −Rs
Rc −Rs

if Rs ≤ |R| ≤ Rc

1 if |R| > Rc

,

Rc defines the critical status when the vehicle is
in an emergency and the braking system must be
activated. The gain φay in the weighting functions
is selected as a function of parameter |R| in the
following way. In the lower range of |R| the gain
φay must be small, and in the upper range of
|R| the gains must be large. Consequently, the
weighting functions must be selected in such a
way that they minimize the lateral load transfers
in emergencies. In normal cruising the brake is not
activated since the weight is small. The weighting
function for the lateral loads and the braking
forces are the following:

Wp,Fz = diag(
1

7
,
1

5
)

Wp,∆Fb = 10−3φay

The control design is performed based on an
augmented LPV model of the yaw-roll dynamics
where two parameters are selected as scheduling
variables: the forward velocity and the maximum
value of the normalized lateral load transfer either
at the rear side or at the front ρr =

[

v R
]T

.

In the design of rollover problem the difference
in the braking forces is designed. Based on this
fictitious control input the actual control forces at
the front and rear on both sides generated in the
braking system are calculated. Certainly, differ-
ent optimization procedures, which distribute the
fictitious force between the braking forces can be
implemented. However, this problem is not within
the scope of the paper.

The solution of an LPV problem is governed by
the set of infinite dimensional LMIs being satisfied
for all ρ ∈ FP , thus it is a convex problem. In
practice, this problem is set up by gridding the
parameter space and solving the set of LMIs that
hold on the subset of FP . If this problem does not
have a solution, neither does the original infinite
dimension problem. Even if a solution is found,
it does not guarantee that the solution satisfies

the original constraints for all ρ. However, it is
expected since the matrix functions are continu-
ous with respect to ρ. The number of grid points
depends on the nonlinearity and the operation
range of the system. For the interconnection struc-
ture, H∞ controllers are synthesized for 7 values
of velocity in a range v = [20km/h, 140km/h]. The
normalized lateral load transfer parameter space
is selected R = [0, Rs, Rc, 1].

4. A SIMULATION EXAMPLE

In the simulation example, a double lane change
maneuver is performed. In this maneuver passen-
ger comfort and road holding are guaranteed by
the suspension actuators and the rollover is pre-
vented by modifying the operation of the suspen-
sion actuators and using an active brake. When
a rollover is imminent the values R increase and
reach a lower critical limit (Rs) and suspension
forces are generated to create a moment at the
front and the rear. When this dangerous situation
persists and R reaches the second critical limit
(Rc) the active brake system generates unilateral
brake forces.
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Fig. 5. Time responses in the double lane change
maneuver

The velocity of the vehicle is 90 km/h. The ma-
neuver starts at the 1st second and at the 2.5th

and the 7th seconds 6-cm-high bumps on the front
wheels disturbs the motion of the vehicle. The
steering angle is generated with a ramp signal with
3.5 degrees maximum value and 4 rad/s filter-
ing, which represents the finite bandwidth of the



driver. The time responses of the steering angle,
the road disturbance, the yaw rate, the roll rate,
the lateral acceleration, the heave acceleration on
the front-left side, the normalized load transfer at
the rear and their maximum, the vehicle velocity,
the roll moments at the front and the rear and
the braking forces at the front and the rear are
presented in Figure 5... Figure 7.
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Fig. 6. Output signals in the double lane change
maneuver

The effect of a 6-cm-high bump disturbs heave
acceleration at the 2.5th second. The effect of this
disturbance should be reduced by the suspension
system, since it improves the passenger comfort
and road holding. During the maneuver the lateral
acceleration and the roll angles of the unsprung
masses increase, thus the normalized load transfer
also increases and reaches the critical value Rs.
Control forces (0.5 kN and 0.5 kN at the front and
at the rear, respectively) should also be generated

by the suspension forces so that the controller can
prevent the rollover of the vehicle. Thus, during
the maneuver the suspension system focuses on
both the passenger comfort and the roll stability
of the vehicle. The control moments are not suffi-
cient to prevent rollovers, since the normalized lat-
eral load transfers have achieved the critical value
Rc. Thus the brake is also activated and unilateral
braking forces (approximately 0.9 kN and 1 kN
on the left and the right hand sides in the rear) are
generated. As a result the velocity of the vehicle
decreases and the normalized lateral load transfers
stay below the critical value 1. After the double
lane maneuver another 6-cm-high bump disturbs
the motion. In this case a large suspension force
generated by the suspension actuators is needed
to reduce both the magnitude and the duration of
the oscillation.
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Fig. 7. Control signals in the double lane change
maneuver

In the future it is possible to exploit the balance
between the brake and suspension systems to
enhance braking. During braking the real path
might be significantly different from the desired
path due to the brake moment which affects the
yaw motion. Thus, the braking maneuver usually
requires the drivers intervention. Applying the
integrated control, the suspension system is able
to focus on the emergency, consequently safety is
improved.



5. CONCLUSION

In this paper an integrated control structure that
uses active suspensions and an active brake is
proposed to improve the safety of vehicles. In
normal operation the suspension system focuses
on passenger comfort and road holding, however,
in an emergency the safety requirement overwrites
the passenger comfort demand. When the emer-
gency persists, the brake is also activated to re-
duce the rollover risk. The solution is based on a
weighting strategy in which the normalized lateral
load transfer is selected as a scheduling variable.
The design is based on an H∞ control synthesis
extended to LPV systems that uses a parameter
dependent Lyapunov function. This control mech-
anism guarantees the balance between rollover
prevention and passenger comfort. The applica-
bility of the method is demonstrated through a
complex simulation example containing vehicle
maneuvers.
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